thermal model using a resistance network was created. The model compares well with the measurement data, especially for higher input powers. Finally, the thermal model is used for the design of a 1 kW planar system-level electronics cooling infrastructure featuring six 1 m heat pipes in parallel having a long (~75%) evaporator section.
3
two-phase heat transfer mechanisms for planar cooling at the system level.
Two-phase heat transfer systems are well known for their effective heat transfer capabilities. They offer high thermal coefficients for heat transport while having a relatively low temperature gradient. They have advantages in terms of size and weight, and they require no external power, moving parts or pump making them a reliable alternative for a heat transport device [1, 2] .
Although many variants exist (e.g. heat pipe, thermosyphon, loop heat pipe, pulsating heat pipe, etc.) the basic principle is that a working fluid evaporates from the high temperature section (i.e. the evaporator section) thereby driving the device due to the local increased vapour pressure [3] . For planar applications in many studies, the focus lies either on flattening (or embedding) a traditional heat pipe, to increase the width and contact area, or on designing a flat-shaped heat pipe [4, 5] . Lin and Wong [6] presented empirical rules of thumb to estimate the performance degradation of flattened heat pipes. Semenov [7] presented a planar heat pipe having a square footprint of 10 × 10 cm 2 , in which the vapour space was maximized while providing sufficient support to the heat pipe structure. Similarly, Dillig et al. [8] integrated a planar heat pipe into a solid oxide cell stack, in which an internal heat pipe structure that allows for sideways thermal transport was milled. Also, Schreiber et al. [9] , considered a counter-current thermosyphon with cascading pools for planar cooling applications.
Goal and outline
Planar or flat plate heat pipes, in which the emphasis is on heat spreading and temperature flattening rather than heat transport, are also coined vapour chambers [10] . For the intended application, the heat pipes need to be relatively long, compared to state-of-the-art electronics cooling approaches. The heat pipes are used for planar cooling but not in the aforementioned sense. In this study, the focus is not on (increasing) the evaporator size in the radial, sideways direction, but rather on the evaporator size in axial, lengthwise direction. This is also where the novelty of this study lies. 75% of a 1 m heat pipe will be used in mixed heating configurations to extract heat from a planar surface. Next to the well-known criteria for heat pipe design, this type of configuration may also introduces a new dynamic start-up effect in which working fluid is put into the twophase cycle in a batch-wise manner.
The main goal of this research is to understand the use of a long 1 m heat pipe for the thermal management of planar structures. This involves modelling the thermal performance of a single heat pipe in order to predict the steady state temperatures across the heat pipe in various conditions. This is discussed in Sect. 2. Sections 3, and 4 present the experimental setup and results, respectively, on a single 1 m heat pipe. Heat pipe performances with different evaporator section configurations and different inclination angles are the two main points of interest. Section 5 discusses the thermal model validation, after which in Sect. 6 the final design for a planar cooling application is presented.
Heat pipe modeling

Heat pipe limitations
During operation, heat pipes may encounter various limitations. Common limitations that are well documented in literature [2, 3, 11, 12] are: viscous limit, sonic limit, entrainment limit, boiling limit and capillary limit. In the application of electronics cooling the most common limitation is the capillary limit [13] . This limit is reached when the wick structure cannot return sufficient working fluid to the evaporator region. Figure 1 graphically shows the implications of various limits for a 1 m long heat pipe with a 12 mm diameter and a grooved wick structure. The container is made of copper and the working fluid is water. In this analysis, the heat pipe is vertically oriented with top cooling (i.e. condenser section above). The figure shows the influence of three evaporator lengths 0.25, 0.50 and 0.75 m with the dashdotted, dashed and solid lines, respectively measured from the bottom side. The evaporator length has no influence on the sonic limit (green) and entrainment limit (red). All heat pipe limits are modelled according to Faghri [3] .
For the intended working condition around 200 W power dissipation and an evaporator temperature around 40 °C, the figure shows no serious limitations. For inclination angles other than vertical, the capillary limit (black) drops and becomes more dominant. For the intended working condition it was determined that a minimum 5° angle with respect to horizontal should be maintained.
Heat pipe thermal model
To guarantee continuous heat pipe operation, it is vital to analyse the operating conditions (e.g. heat load, ambient temperature and orientation) and the chosen geometry of the heat pipe, and confirm that the heat pipe always remains within its limits. As a worst-case scenario check, this is imperative and for the selection of the heat pipe of this study this was ascertained following the procedure of Sect. 2.1; however, for the design of a planar cooling application more details about the thermal behaviour, especially in steady state operation, is required. Hence, for this study the selected heat pipe 1 3
is modelled according to a thermal resistance network. Reay et al. [14] in 2006 presented an extensive resistance scheme, in which every aspect of the heat flow was taken into account. Their scheme consisted of ten thermal resistances arranged in parallel-series combination. Commonly three longitudinal resistances acting in parallel: wall conduction, wick conduction and axial vapour flow pressure losses. For this study, only the latter is taken into account, as for relatively long heat pipes the longitudinal wall and wick conduction effects are negligible [15] . This leads to a simplified resistance network, as visualized in Fig. 2 As the simplified network has a serial layout, the total thermal resistance is modelled as the sum of all:
where T and Q represent temperature and heat load (power), respectively.
Heat transfer through a grooved wick can be modelled using an effective conductivity based on the wick permeability. Faghri [3] describes the heat flow through two parallel paths: (1) through the liquid and (2) through the fins, as shown in the insert (Fig. 2) . Due to the relatively high conductivity of the copper heat pipe container, k s ,
compared to the working fluid, k l , the latter is neglected for determining the effective condenser conductivity:
where F W and G W represent the fin width and groove width, respectively. To model the condenser heat transfer coefficient, h c , a saturated wick and laminar liquid filmwise condensation according to Nusselt [16] is assumed:
where ρ and μ represent working fluid density and viscosity, respectively, H fg is the latent heat of vaporization, L c is the condenser length, and g is the gravitational constant. T 3 and T 4 correspond with the local temperatures of Fig. 2 . For the effective evaporator conductivity, the influence of the working fluid residing in the wick structure cannot be neglected and heat transfer at the fin corner and liquid film is modelled according to Chi [11] :
where G H represents the groove height. Note that Eq. (4) also account for the liquid evaporation. The groove and fin geometry is also visualized in Fig. 2 . The effective thermal path in case of the evaporator is also highlighted.
Using the effective conductivities and condenser heat transfer coefficient, the condenser and evaporator resistances can be determined following the heat pipe geometry according to: where Eq. (5) is used for the conductive paths and Eq. (6) is used for the convective paths. Finally, the thermal resistance due to frictional pressure losses in the vapour flow must be modelled. For this the Hagen-Poiseuille [16] equation is used:
where V v and ṁ represent vapour velocity and vapour mass flow, respectively, and L eff and r v represent the effective heat pipe length and vapour cross-section radius, respectively.
Laminar flow and no pressure recovery in the condenser section are assumed in Eq. (7). Using the equation of state the temperature drop, and thus resistance, can be determined from the pressure drop.
Experimental setup
For the experimental validation, the 1 m long heat pipe with an external diameter of 12 mm is sandwiched between aluminium plates, as illustrated in Fig. 3a . The evaporator section consists of three separate 0.25 m sections denoted bottom (B), middle (M) and top (T). Each section is thermally isolated except for the heat pipe itself that runs through the entire assembly. As heat pipes operate best in an evaporator-down mode, the constructed prototype, shown in Fig. 3b , operated with top cooling through a fan-based heat sink. The heat sink was calibrated separately and has a thermal resistance value of 0.14 K/W.
To generate heat 12 power resistors (each 10 Ω, 25 W) are mounted on the evaporator section. Per section, four resistors are put in series. The three sections are powered in parallel through the power supply (70 V, 10 A).
26 thermocouples (type T, 43 μV/K) were mounted on the test rig: 12 were used to measure the heat pipe wall temperature, another 12 measured the outside temperature of the aluminium plates and 2 measured the temperature of the in-and out-flowing air through the heat sink. The exact thermocouples locations and numbering are shown in Fig. 4 .
During experimental testing the entire heat pipe assembly was insulated, as shown in Fig. 3c , using 3 cm thick Polystyrene to minimize (convective) heat losses to the environment.
Experimental results
To guarantee successful heat pipe functioning in operation and to validate the thermal model, a number of scenarios is determined and experimental data was gathered. In total seven configurations, alternating the heating of the bottom (B), middle (M) and top (T) sections of the evaporator are considered. Three of the seven possible heating configurations, namely B, BM and BMT are illustrated in Fig. 5a .
Also four different orientations angles were considered, namely 0° (horizontal), 30°, 60° and 90° (vertical, evaporator-down), as illustrated in Fig. 5b . In the horizontal orientation, gravity has no influence on the heat pipe performance. For the other orientations, gravity must be considered. In those cases, the heat pipe operates in an evaporator-down modus, in which bottom heating, as shown in Fig. 5b , is considered.
The maximum heat pipe performance was tested by increasing the heat load with increments of 20 W for the majority of heating configurations and orientations. When a steady state temperature was recorded, the input power was increased. Steady state was defined as less than 0.5 K temperature variance per minute. The measurement was ended when the maximum operating temperature of 100 °C was reached or when the maximum allowable power, set at 80 W per section and 200 W in total, was reached.
The maximum steady state heat load per configuration and orientation are presented in Table 1 . As expected for the horizontal orientation relative low performance was attained, although by shortening the heat pipe's active region (i.e. moving from configuration B to T) some performance gain was possible. The heat pipe could not be tested up to the power limit and dry-out occurred between 20 and 80 W depending on the heating configuration. For all orientations above 30°, the heat pipe could be tested up to the power limit. Evaporator dry-out or other heat pipe limits could not be reached and the heat pipe temperature remained below 85 °C at all times. This confirms the heat pipe selection procedure of Sect. 2.1.
To check for possible heat losses through the bottom plate, shown in Fig. 3b , the first four and last heating configuration (i.e. B, M, T, BM and BMT) at a 90° orientation were repeated without the bottom plate connected to the system. The results were identical to the results of Table 1 . To check for environmental disturbances the heat pipe was also testing in a climate chamber in which the ambient temperature was varied from 0 to 50 °C. The temperature gradient across the heat pipe decrease just 2 K for the 50 K ambient increase. This decrease can be attributed to the improved thermodynamic working fluid properties at the higher temperature.
Additional tests were also performed to quantify heat losses through the insulation layer and electric wiring. The former was determined by also measuring the temperature outside the insulation, while the latter was determined by registering the voltage and current. Overall losses were determined to be between 4 and 9% of the input power and were therefore not neglected. Hence, in the following analyses the input power for the heat pipe is determined by subtracting the heat losses from the input power of the power supply.
Thermal resistances
Using the thermocouple measurements and the heat pipe power input, the total thermal resistance across the heat pipe can be determined (Eq. 1). To compute the thermal resistance, first the temperature readings for each section (e.g. evaporator, condenser) were averaged. Figure 6 present the results for a vertically oriented heat pipe for 5 heating configurations. The error bars indicate the thermocouple accuracy of 1 K. At low power input, the error bars tend to be relatively large due to the low thermal gradients. For all heating sections active, i.e. the BMT configuration, and a power input of 150 W, the overall thermal resistance was 0.014 K/W. In this case, the temperature gradient across the heat pipe was 2.1 K and the average operating temperature was 50.7 °C.
Two clear observations from the figure are that (1) by increasing the evaporator area (i.e. more active sections) the overall thermal resistance drops and (2) by increasing the power input also the overall thermal resistance drops.
The results for the BM and BMT configurations are almost identical. The performance of the single active sections (i.e. B, M and T) is relatively poor. The order of the top, middle and bottom configuration is explained by the fact that the heat pipe is oriented vertically and the working fluid tends to be at the lowest point. This demonstrates that for any configuration is it important for the overall thermal performance that the bottom section is active.
In Fig. 7 , the influence on the heat pipe orientation is presented. The figure shows that at a higher input power the results for the 30° and 60° inclination angles are similar, and worse than for the 90° orientation. The figure also shows the aforementioned non-experienced heat losses through the bottom plate, as both results for the 90° inclination angle are identical. The results for the 0° inclination angle are not depicted, as the heat pipe did not operate well at this angle. The temperature gradient across the heat pipe rose above 25 K. A distinctive order between the 30°, 60° and 90° angles was not observed; also, not in the other heating configurations. No clear explanation for this effect could be found. 
Heat pipe start-up behaviour
For the intended application and for all heating configurations, heat pipe start-up without excessive temperature overshoot must be guaranteed. Especially for the vertical orientation, and M, T and MT heating configurations (i.e. no bottom heating), this must be assured. For these configurations, without power the working fluid may accumulate at the bottom and the wick's capillary performance may be insufficient to draw working fluid to the upper sections. Hence, to validate heat pipe start-up, rather than incrementing the input power, the power was switched on for each experiment while the heat pipe was at rest and at ambient temperature [17] , thus mimicking the power-up of an actual system. For heating configuration T, in which the powered section is furthest away from the bottom, the worst performance is expected. The transient start-up behaviour for this configuration at 40 W input power is shown in Fig. 8 . The thermocouple locations and numbers correspond to Fig. 4 . The top section, Thermocouples 7-9, indeed shows a relatively large temperature overshoot. The highest measured temperature value was 74 °C for heating configuration T and 80 W input power (not shown), which is acceptable for the intended application. Also, visible in the figure is the delay time before the middle and bottom sections, and the condenser start to heat up, due to the thermal mass of each section. In fact, this is even noticeable within a single section.
The cycle period in this case is a little over 1 h. After that, a second cycle starts; however, the overshoot is diminished by around 57% indicating a critically damped system. The cycle period lengthens by almost 10 min. For the M and MT configurations the first cycle period is much shorter, around 15 min., and the second period lengthens by about 5 min. The shorter cycle periods can be explained by the fact that the conducting path the heat needs to travel towards the liquid pool at the bottom is much shorter. It was also observed that the input power has no significant effect on the cycle period. Naturally, the peak temperatures of the oscillations are higher. The offset between the peak temperatures that constitute one oscillation scale approximately proportional to the input power. The largest time to reach steady state was for heating configuration T at 80 W and took more than 4 h.
The physical phenomena occurring during start-up for non-bottom heating configurations are believed to be as follows. First, as the working fluid resides at the bottom of the heat pipe, the heat pipe operates in conduction mode and no two-phase transport occurs. This can be seen from Fig. 9 , in which the temperature distribution across the heat pipe is shown at the time instance of the first temperature peak for heating configuration M indicated by the red bars. Both the temperature gradient of Thermocouples 1-3 and 4-6 are linear indicating conduction. The jump between the bottom and middle section is caused by the thermal insulation.
Second, a first batch of working fluid is brought into the top section of the heat pipe and the two-phase cycle is started. Heat that finally reaches the working fluid at the bottom will start the evaporation process. At the peak temperature of the first oscillation, the average temperature of the evaporator (bottom) and condenser sections were 34.4 and 33.1 °C, respectively. This average temperature difference was enough the start the two-phase cycle and vapour starts to travel upwards to the condenser, where it condenses. The condensate return downwards, but the heated section will cause the working fluid to reevaporate. This leads to the temperature decline of the heated section and end the first cycle period. Hence, now the top section of the heat pipe operates in two-phase mode. Third, since there is a mismatch between the power transport capacity of the heat pipe in two-phase mode and the input power, the heated section will start to heat up again, causing a second temperature peak.
Fourth, a similar yet smaller batch of working fluid is brought into the two-phase cycle. This cyclic behaviour continuous until sufficient working fluid is brought upwards to match the continuous power input and explains the oscillating start-up behaviour observed from Fig. 8 .
For configurations where the bottom section is active, this dynamic start-up behaviour does not occur since from the start working fluid is brought into a two-phase cycle.
Thermal model validation
The comparison between the thermal model and the experimental results are shown in Fig. 10 for the BMT configuration at 30° orientation angle. The experimental results are consistently higher than the modelled results indicating that not all physical effects are (fully) captured correctly. The modelled results are however always within the error bars.
At lower power inputs, the thermal model deviates progressively. This is likely caused by the fact that at lower power input the effective condenser length decreases. The model does not account for this since it uses a fixed condenser section length. For an input power of 75 W and higher, the large decline in the measured overall thermal resistance stops, indicating that the maximum effective condenser length is reached. The slight decline occurring after this threshold can be explained by the elevated temperatures and thereby improving thermodynamic working fluid properties.
The deviation of the condenser wall temperature between the model and experimental results (not depicted) varies between 0.5 and 0.9 K for all power inputs, in which the experimental results are consistently higher. This indicates that the fan and heat sink thermal resistances are properly calibrated.
To gain more insight into the contribution of the individual heat pipe parts towards the overall thermal resistance, Fig. 11 shows the breakdown of resistances as a function of the input power. The largest contribution according to the model is the resistance of the condenser section. Wall conduction and the evaporator section contribute almost equally but less; they are also independent of the input power. Finally, the impact of vapour pressure losses are insignificant at higher power inputs, demonstrating the effectiveness of heat pipes. The predicted overall thermal resistance can be considered accurate enough for 75 W of input power and higher. Other modelling approaches as e.g. Kim et al. [18] , and Khrustalev and Faghri [19] suggest to use the local film thickness to predict the condenser heat transfer coefficient. Compared to the film-wise condensation model of Eq. (3), these models also under predict the thermal resistance however by a larger factor, namely a factor 10. To tune the model for lower input powers, an empirical approach should be considered, because the underlying modelling parameters as condenser length and film thickness are difficult to predict for low power inputs.
Planar cooling application
For the intended planar cooling application, the principle idea is to use an array of relatively long heat pipes, whereby heat is dispose through a long evaporator section. The measured performances and overall thermal resistances are used to design a system-level electronics cooling infrastructure for an AESA, whereby the temperature uniformity across the panel is an important design criterion. The total input power is specified at 1 kW with a planar heat flux well over 5.5 kW/m 2 . The maximum planar temperature is set at 100 °C at the footprint of the electronic components for an ambient temperature of 20 °C. According to the estimated heat pipe limitations of Fig. 1 and the experimental results of Sect. 4, the single heat pipe is able to transport 200 W of input power for all orientations except horizontal and for all heating configurations. Based on this assessment a minimum of five heat pipes is required to transport a heat load of 1 kW.
The final concept design consists of six heat pipes positioned next to each other as shown in Fig. 12 . It was decided to use six heat pipes to have a symmetrical layout and redundancy. Using the thermal model and the experimental results, the maximum planar temperature was estimated at 73 °C well below the specified maximum. The predicted temperatures are listed in Table 2 . The largest temperature gradient is found at the heat output side, i.e. from the condenser sections to the air-cooled heat sink, namely 43 K. Note that the thermal resistance of the heat sink is lower than the heat sink used for the experimental validation. This design improvement can be seen by comparing Figs. 3b and 12, and involves much less conduction of heat. The thermal resistance of a single heat pipe was set at 0.02 K/W as a worst-case scenario from Figs. 6 and 7. In this case, the estimated temperature gradient across the heat pipes is 3.3 K. Note that for this estimate the total heat load is divided over the six heat pipes. This low temperature gradient is instrumental to reaching a high temperature uniformity across the planar structure.
Conclusions
The paper present a planar cooling strategy using relatively long heat pipes. Planar cooling is achieved by having a long evaporator section up to 75%. Modelling results using conventional heat pipe limitations, a thermal resistance network and experimental results have been presented. The thermal model and experiments compare relatively well, especially for higher input powers.
Multiple heating configurations and orientation angles have been tested experimentally. The performance of the single active sections (i.e. B, M and T) is relatively poor compared to having multiple active heating sections. The results for the BM and BMT configurations are almost identical and show an overall thermal resistance below 0.02 K/W at power inputs above 75 W. For inclination angles of 30° and 60°, the thermal performances are similar. The performance vertically in evaporator-down mode (ϕ = 90°) is better. Horizontally (ϕ = 0°) the heat pipe did not operate well, as expected, causing a high temperature gradient. Dynamic start-up phenomena in the cases where no bottom heating is applied have been observed and clarified. Following the four-step clarification, a critically damped system can be assumed as long as the heat pipe is not operated beyond its limit. The largest cycle period was a little over one hour and depends on the heating configuration. The highest measured temperature value was 74 °C for the top heating configuration and 80 W input power. In future work, the dynamic start-up phenomena can be modelled by observing the peak temperature values from sets of measurement data and computing a corresponding damping coefficient.
Finally, for the intended planar cooling application, a system-level concept design that uses six heat pipes in a parallel configuration has been presented. A high temperature uniformity can be achieved across the planar structure, due to the low thermal gradient across the heat pipes. 1 kW of heat load can be dissipated to an ambient air temperature of 20 °C, in which the maximum temperature locally at the electronics components is 73 °C and remains well below the critical temperature.
